Shengyuan Li >4
Longxi Zheng

https://doi.org/10.21278/TOF.451017220
ISSN 1333-1124
eISSN 1849-1391

VIBRATION ATTENUATION MECHANISM OF THE ROTOR
SYSTEM WITH ANISOTROPIC SUPPORT STIFFNESS

Summary

Using the one-dimensional finite element method, the dynamic behaviour of a double-
disk rotor system with anisotropic supports is studied in this paper. First, the natural
frequencies, whirl state and unbalance response of the rotor system are analysed. Then, the
vibration attenuation mechanism of the rotor system under the effect of bearing damping and
accelerating rotor is discussed in detail. The research results show that stiffness anisotropy
makes natural frequency lines of the rotor system tend to diverge from each other. The
damping in bearings not only decreases the amplitude of forward and backward whirls but
also reduces the spin speed range of backward whirl. The whirl orbit of the rotor system
approximates a straight line at the spin speeds near the critical point of the backward and
forward whirls. For the unbalance response of the rotor system with anisotropic supports, the
forward natural frequency dominates in the direction of the strong stiffness axis, while the
unbalance response in the direction of the weak stiffness axis is mainly affected by the
backward natural frequency. Increasing the run-up acceleration can decrease the amplitude of
backward and forward whirls, but it cannot reduce the spin speed range of backward whirl.

Key words: rotor system, anisotropic supports, vibration attenuation mechanism,
bearing damping, accelerating rotor

1. Introduction

The rotor system is a core component of rotating machinery. The design of robust rotor
dynamics can significantly improve the working efficiency of rotating machinery and reduce
unit vibration levels [1, 2]. Currently, rotating machinery requires higher speeds and tighter
clearances due to increased thermal efficiency and power demand. In this situation, the rotor
system may experience an unacceptable vibration level that can cause excessive wear of
bearings and blades of the rotor, which can result in a possibility of the rotor coming into
contact with the stationary housing [3, 4].

Anisotropy occurs when support stiffness is not the same in radial directions [5]. The
support stiffness of the rotor system during operation always shows anisotropy after some
time [6]. Anisotropic stiffness usually makes the rotor system whirl in elliptical orbits and
contributes to the appearance of additional backward critical speeds [7, 8]. Genta et al. [9]
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numerically proved that the transient-state unbalance response related to the accelerating rotor
showed very strong oscillations and a frequency of close to twice the spin frequency of the
rotor system with anisotropic support stiffness. Lee et al. [10] explained that the compression
and tension sides of the rotating shaft undergo two reversals in stress per revolution during the
backward whirl. Joh et al. [11] identified experimentally the backward whirl and the strength
of stiffness anisotropy by a complex modal testing technique. Semenov et al. [12, 13]
validated a new accelerometer sensor mounting scheme to detect 1X splitting resonance
caused by anisotropic supports. The sensor is placed at a 45-degree angle to the weak and
strong stiffness axes and only one accelerometer sensor is required to identify the effects
caused by anisotropic supports in a real aircraft engine. Zhang et al. [14] proposed an
improved holospectrum-based balancing method that balances the rotor system with stiffness
anisotropy more effectively than conventional balancing methods.

The literature quoted above is about the identification and analysis of some special
dynamic phenomena of the rotor system with anisotropic supports. In engineering, two
common methods used for minimizing the adverse effects of anisotropic supports are:
increasing the bearing damping and accelerating the rotor through critical speeds. However,
the effects of bearing damping and rotor acceleration on the dynamic behaviour of this type of
rotor system have not been clearly illustrated. In what follows, Section 2 illustrates the one-
dimensional finite element method used for the dynamic modelling of the rotor system. The
computational model of a double-disk rotor system is described in Section 3. In Section 4, the
natural frequencies, whirl state and unbalance response of the rotor systems with isotropic and
anisotropic supports are analysed for the purpose of comparison. Moreover, the vibration
attenuation mechanism of the rotor system with anisotropic supports under the effect of
bearing damping and accelerating rotor is discussed in detail. The main conclusions are
summarized in Section 5.

2. Finite element modelling of the rotor system

2.1 One-dimensional finite element model

The Timoshenko beam element is adopted to consider the shear effect and rotary inertia
of the relatively thick rotor shaft studied in this paper. Only the bending vibration of the rotor
system is considered here and the finite element discretization of the rotor shaft is shown in
Fig. 1. The four degrees of freedom of each node related to the bending vibration are
considered.

X

u; Ui+

Viti

Fig. 1 Finite element discretization of the rotor shaft
The Z-axis in Fig. 1 is the rotation axis of the rotor system. The generalized coordinate vector
of the ith shaft segment is ¢,=[w; vi Ox; 0,; uis; Vi Ocirs Hy,,-H]T, where (u;, v;) and

(0., 0, are the lateral displacements and the rotation angles of the ith node along the x and y
axes, respectively. The directions of (u;, v;) and (6., 6,,;) shown in Fig. 1 are the positive
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directions of bending deformation. The local element matrices of the shaft segment are
obtained from the Lagrange equation [15, 16] as expressed below:

d(oT | oT oU
= = |-=+==0, (1)
dt\ oq; ) 0Oq; 0Og;

where 7 and U are the kinetic energy and the strain energy of the ith shaft segment and Q; is
the generalized force acting on the shaft segment. The stiffness matrix, mass matrix and
gyroscopic matrix of the shaft segment are obtained by inserting the strain energy and kinetic
energy into the Lagrange equation, respectively. Assuming that the disk is rigid and ignoring
its strain energy, the blade and the blade disk are equivalent to the centre of mass of the rigid
disk in the form of mass and rotary inertia. The mass matrix and gyroscopic matrix of the
rigid disk are obtained by inserting the kinetic energy of the rigid disk into the Lagrange
equation. It is assumed that bearings have a linear load-deformation relationship and only the
stiffness and damping coefficients in the radial directions are taken into account. The reaction
forces of the bearing acting on the rotor are functions of the whirl displacements and whirl
velocities of the rotor at the bearing [17], as shown below:

f X kxx kxy X Cxx cxy b
7 Dk )

y w Ky LY (O S LY
where f, and f, are the reaction forces of the bearing acting on the rotor in the x and y
directions, respectively; k; and c; are the stiffness and damping coefficients of the bearing;
(kux, kyy) and (cx, cyy) are the direct stiffness and direct damping coefficients, and (&, k,.) and
(cxy» €)x) are the cross-coupled stiffness and cross-coupled damping coefficients. The global

dynamic matrices of the rotor system are obtained by assembling the local element matrices
of the shaft segments, bearings and rigid disks according to their axial position on the rotor.

2.2 Steady-state unbalance response of the rotor system
The dynamic differential equation of the rotor system is [18]
Mg+(C+QG)q+Kq=0, 3)

where M is the mass matrix, C the damping matrix, K the stiffness matrix, G the gyroscopic
matrix, 4 the displacement column vector, ¢ the velocity column vector, § the acceleration
column vector, Q the rotor spin speed, and @ the external excitation force column vector. To
solve the second-order differential equation of Eq. (3), it is often transformed into a first-order
differential equation in the form of state space [19]

%B} {—MO‘IK —M_l(;)GwLC)}[Z}{Mﬂ_IQ] )

If a rotor system is discretized into N nodes, the rotor system has 4N degrees of freedom.
M, K, C, and G are the 4N dimensional square matrices, 0 and I are the 4N dimensional zero

and unit matrices, and 4, ¢, § and Q are the 4Nx1 dimensional column vectors. If there is an
unbalance mass on the kth node where the disk is located, the components of the unbalance
excitation force Qy at 4k-3, 4k-2, 4k-1, and 4k degrees of freedom are

0, =[meQ? cos(Qt +8) meQ? sin(Qt +5) 0 0]
=Re([meQ’e’’e’” jmeQ’e’’e™™ 0 01') (5)
=Re(QZejQI[mgej(s —jmgeja 0 O]T)

=Re(Qe’¥by)
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where m is the unbalance mass, ¢ is the eccentricity, o is the phase of unbalance mass relative
to the positive X-axis, and Re represents the taking of the real part of a complex number.
Assuming that the steady-state unbalance response of the rotor system under the effect of

unbalance force is ¢ =Re(qoej9’), and inserting 4 and @y, into Eq. (3), one obtains

4o =[(K —Q*M) + jQQG+O)] ' Q%by , (6)
where ¢,1s a complex number whose expression is assumed to be

qo = a+bj =|gy|e’” (7)

where |g,|=Va® +b* , a=arctan(b/ a) . Therefore, the steady-state unbalance response 4 of the

rotor system is

q= Re(|q0|ef(9’+“)) = |go|cos(Q + @) )

It can be seen from Eq. (8) that the modulus and the phase angle of the complex number
q, are the amplitude and the phase of unbalance response of the rotor system, respectively.
The whirl direction of a node on the rotor system depends on the difference between the phase
a, in the y-direction and the phase a, in the x-direction. If (a,-a,)=2n7=0 or x, then the whirl
orbit of the node is a straight line; if 0 < (a,-0,)£2nx < 7, then the node shows a forward-whirl
orbit; if -7 < (a-a)E2nm < 0, then the node shows a backward-whirl orbit, where n is an
integer.

2.3 Transient-state unbalance response of the rotor system

Since the rotor spin speed is time-varying for the transient-state analysis, the unbalance
excitation force @ in Eq. (5) is rewritten as [14]

me(t)’ cos[ (1) +5 ] +meg (t)sin[ ¢(1)+ 5]

0, —| meh (1) sin[ (1) + 5] - m(1)cos[ §(1)+5]
X , ©
e (0 i (1) |14

_Re| me {_j [ p (t)z b t)}ej&’(f)ﬂs]}
0
0

where 4(t), (¢), and #(¢)denote the spin angle, spin speed, and run-up acceleration at time ¢,
respectively. The fourth-order Runge-Kutta integration method is adopted to obtain the
transient-state unbalance response of the rotor system. According to the sampling theorem,
the sampling frequency should be greater than 2 times the highest natural frequency of the
rotor system. In addition, the time step for the transient-state integration calculation must be
sufficiently small, which requires a significantly large amount of computational effort. An
effective method is to use a model-reduction technique before performing the numerical
integration. Since the unbalance response is only required at a lower spin speed of most of the
rotating machinery in engineering, only the lower modes of the rotor system are retained in
the model-reduction technique. The model-reduction technique has a double benefit: by
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retaining the first few modes of the rotor system, a larger time step can be used and fewer
equations need to be solved.

The lower modes T, of the rotor system, neglecting the bearing damping and gyroscopic
effects, can be obtained in terms of the mass matrix M and the stiffness matrix K. r is the
number of retained modes and 7, is the 4Nxr dimensional matrix. The dynamic matrices of
the rotor system are reduced to the following form

M, =T'MT,

K, =T'KT,

C,=T/CT, . (10)
G, =T/GT,

0, =T,0

In this case, Eq. (4) is rewritten as

dlq, Or Ir q, 0r
? . = —1 -1 . + -1 s (11)
t\ 4, -M, 'K, -M, (QG.+C,) | 4 M, 0.

where M,, K,, C,, and G, are the r dimensional square matrices, 0, and I, are the » dimensional
zero and unit matrices, respectively, and ¢, , ¢, , ¢4, and Q, are the rx1 dimensional column

vectors. The transient-state unbalance response ¢, of the reduced rotor system is obtained by

the numerical integration of Eq. (11). Then ¢, is expanded by Eq. (12),

q9=T.9,, (12)
to obtain the unbalance response of all degrees of freedom.

3. A computational model of the rotor system

The double-disk rotor system analysed in Ref. [19] is adopted as the research object in
the paper. As shown in Fig. 2, the length of the shaft is 1.5m and the shaft diameter is 50 mm.
The shaft is discretized into seven nodes and the distance between adjacent nodes is 0.25 m.
Relative to the left end bearing 1, the disk 1 and disk 2 are located at 0.5 m and 1 m,
respectively. Each disk is 70 mm thick and the diameter of disk 1 and disk 2 is 280 and
350 mm, respectively. The shaft and disks are both made of steel with a modulus of elasticity
of E=211 GPa, a density of p=7810 kg/m’ and a Poison’s ratio of v=0.3. For the purpose of
comparison, the effects of both isotropic and anisotropic stiffness on dynamic characteristics
of the rotor system are considered. The direct stiffness coefficient of the bearings in the
x-direction and y-direction is 10° N/m for isotropic supports, while for anisotropic supports,
the direct stiffness in the x-direction is 10° N/m and in the y-direction 8x10° N/m.

D2
X DI

B1 B2

Y

Fig. 2 A double-disk rotor system
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4. Computation results

4.1 Natural frequency of the rotor system

The eigenvalues of the state-space matrix in Eq. (4) are calculated at different spin
speeds; the absolute value of the imaginary part of the eigenvalues are natural frequencies of
the rotor system. The Campbell diagram of the rotor system is obtained by drawing the
relationship between natural frequencies and the spin speeds. The Campbell diagram of the
double-disk rotor system with the isotropic and the anisotropic stiffness is shown in Fig. 3.
The dashed line is the 1X spin frequency line. FW and BW indicate the natural frequency
lines of the forward and the backward whirl, respectively. The intersections of the spin
frequency line and the natural frequency lines are defined as the critical speeds of the rotor
system.
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Fig. 3 The Campbell diagram of the rotor system with the isotropic and the anisotropic stiffness

As shown in Fig. 3(a), the natural frequencies of forward and backward whirls of the
rotor system with isotropic stiffness are equal at 0 r/min because there is no coupling effect of
the gyroscopic moment and the mass and stiffness characteristics of the rotor system are the
same along with the lateral directions. For the rotor system with anisotropic supports, the
rotor system has different natural frequencies of the forward and the backward whirl at
0 r/min due to different stiffness characteristics in the lateral directions, as shown in Fig. 3(b).
Therefore, the anisotropy of support stiffness makes natural frequency lines of the rotor
system tend to diverge from each other.

4.2 Mode shapes of the rotor system

The eigenvectors of the state-space matrix at critical speeds are the mode shapes of the
rotor system. Figures 4 and 5 show the first two-order backward and forward mode shapes
when the damping in bearings is not considered and the support stiffness is isotropic and
anisotropic, respectively.

As one can see in Figs. 4 and 5, the whirl directions of the nodes on the rotating shaft
are opposite in the backward and forward modes. The first-order backward and forward
modes have a U shape where both disks deflect in the same direction. At a further increase in
the rotor spin speed, the rotor system traverses the second-order critical speed relating to the
second eigenmode with an S shape where disk 1 deflects towards a direction opposite to that
of disk 2 deflects. The whirl orbit of each node is a circle for isotropic stiffness (the whirl
orbits look like ellipses due to viewing angles), while the whirl orbits of all nodes are ellipses
for the rotor system with stiffness anisotropy.
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Fig. 4 Mode shapes of the rotor system with isotropic stiffness
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Fig. 5 Mode shapes of the rotor system with anisotropic stiffness

4.3  Steady-state unbalance response analysis

Figure 6(a) shows the amplitude of the steady-state unbalance response when support
stiffness is isotropic and there is a 50 g-mm unbalance with a zero phase on disk 1. As shown
in Fig. 6(a), there are two very large unbalance response peaks because the bearing damping
is not considered in this section. By comparing Fig.6 (a) with Fig. 3(a), it can be seen that the
critical speeds are equal to the rotor spin speeds corresponding to the intersections of the rotor
spin frequency line and the natural frequency lines of the forward whirl. Therefore, only the
forward modes are excited by the unbalance mass for the rotor system with stiffness isotropy.

Figure 6(b) shows the whirl phase of the disks in the x-direction, in which the whirl phase
in the y-direction lags behind that in the x-direction by 90 degrees. As shown in Fig. 6(b), the
whirl phase of the disks changes by 180° when the rotor system traverses the critical speeds and
there is no damping in the bearings. The whirl phase of disk 2 changes twice, while that of disk
1 changes three times. The unbalance response of disk 1 at a spin speed of 1896 r/min
approximates 0 and the whirl phase of disk 1 also changes by 180° at the spin speed. This is due
to the fact that both disks deflect in the same direction in the first-order forward mode, while
disk 1 deflects in the opposite direction to disk 2 in the second-order forward mode. When the
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rotor spin speed gradually increases from the first-order forward critical speed to the second-
order forward critical speed, the relative modal amplitude of disk 1 in the first-order forward
mode gradually decreases to zero at first and then increases in the opposite direction to the
relative modal amplitude of the second-order forward mode. This process can be verified in
Figs. 4(b) and 4(d); thus, the whirl phase of disk 1 changes three times.
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(a) Unbalance response amplitude (b) Whirl phase in the x-direction

Fig. 6 Unbalance response amplitude and the whirl phase of the disks for isotropic supports

Figure 7 shows the whirl orbits and whirl phase of the disks on the x-y plane when the
spin speed of the rotor is 800 r/min, 900 r/min, 2700 r/min and 2800 r/min. The cross denotes
the start of the orbit and the diamond denotes the end. As shown in Fig. 7, the disks whirl
forward in circular orbits and the change of the whirl phase is consistent with that shown in

Fig. 6(b).
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Fig. 7 Whirl state of the disks at different spin speeds for isotropic supports

Figures 8-10 show the amplitude of unbalance response and the whirl phase of the disks
when the support stiffness is anisotropic. The semi-major axis of an elliptical orbit is taken as
the amplitude of unbalance response. To clearly illustrate the whirl state of disk 1 near the
first-order backward and forward critical speeds, Fig. 9 shows a partially enlarged view of
Fig. 8. The shaded area indicates the spin speed range of backward whirl. As shown in Fig.
3(b), Fig. 8, and Fig. 10, the critical speeds of the rotor system with anisotropic supports are
equal to the rotor spin speeds corresponding to the intersections of the spin frequency line and
the natural frequency lines of forward and backward whirls. Therefore, the forward and
backward modes are excited at this time, and the whirl phase of the disks changes by 180° at
backward and forward critical speeds and the spin speeds corresponding to the zero response.

The bending stress in the rotating shaft is constant when the shaft whirls forward in a
circular orbit. This is the case when the rotor on isotropic supports is excited by unbalance.
Since the fibres of the rotating shaft are in alternating states of tension and compression
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during the backward whirl, this may lead to high cycle fatigue of the shaft and to rotor
instability caused by internal damping of shaft material. As a result, the backward whirl
caused by anisotropic supports makes the design of the critical speed and the balancing of the

rotor system more complicated.
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Fig. 8 The unbalance response amplitude and the whirl phase of disk 1 for anisotropic supports
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Fig. 10 The unbalance response amplitude and the whirl phase of disk 2 for anisotropic supports
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Figure 11 shows elliptical whirl orbits and the whirl phase of the disks on the x-y plane
when the spin speed is 700 r/min, 1000 r/min, 1800 r/min, and 2400 r/min. As shown in Fig.
11, both disks whirl forward at the first two spin speeds, the disk 1 whirls backward and the
disk 2 whirls forward at 1800 r/min, and both disks whirl backward at 2400 r/min. Therefore,
there may be different whirl directions at different positions of a rotor system with anisotropic
support stiffness at a certain spin speed.
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Fig. 11 Whirl state of the disks at different spin speeds for anisotropic supports

Figures 6-11 show that under the effect of unbalance force, only the forward whirl with
circular orbits is excited in the rotor system with isotropic supports, while the backward whirl
and the forward whirl with elliptical orbits occur in the rotor system with anisotropic
supports. The above results are consistent with those in Refs. [5, 7, 8, 14], thus verifying the
accuracy of the calculation model in this paper.

4.4 Effect of bearing damping on the steady-state unbalance response

Section 4.3 does not take into account the damping in bearings. In this section, the
direct damping coefficients c., and c,, are considered and assumed to be equal. Figures 12-15
show the amplitude of unbalance response when different direct damping coefficients are
added to the bearings. By comparing the response amplitude in Figs. 12-15 with that in Figs.
8 and 10, it can be seen that the peak values of unbalance response corresponding to the
backward and forward critical speeds decrease significantly due to the effect of bearing
damping. The backward whirl of the disks in some spin speed ranges is transformed into the
forward whirl, and the backward whirl of the disks completely disappears when the bearing
damping increases to a certain value. Therefore, the bearing damping not only decreases the
amplitude of the forward and backward whirls but also prevents the backward whirl from
occurring.
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10 10
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(a) Disk 1 (b) Disk 2

Fig. 12 Damping in bearings: 100 Ns/m
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Fig. 13 Damping in bearings: 400 Ns/m
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Fig. 14 Damping in bearings: 800 Ns/m
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Fig. 15 Damping in bearings: 1200 Ns/m

4.5 Transient-state unbalance response analysis
It is assumed that the rotor system starts up from the state of rest and goes through the
first-order critical speed with linear laws of rising spin speed. Since Ref. [20] showed that the
error of transient-state unbalance response is less than 1% when the modal reduction method
that retains first seven-order modes is employed, the first ten-order modes are retained to
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ensure the calculation accuracy. Ignoring the effects of bearing damping and gyroscopic
moment, the maximum natural frequency of the reduced rotor system is 267.91 Hz. The
fourth-order Runge-Kutta integration method is used and the time step is chosen to be 0.001s
in accordance with the sampling theorem.

Figure 16 shows the time domain and frequency domain diagrams of the transient-state
unbalance response of disk 2 in the x-direction for isotropic supports at the bearing damping
of 100 Ns/m and the run-up acceleration of the rotor system of 0.2 Hz/s. The unbalance
response in the y-direction is the same as that in the x-direction. By comparing the results in
Fig. 6 and Fig. 16, it can be seen that running quickly through the critical speeds of the rotor
system decreases the peak value of the unbalance response and only the forward mode is
excited at this time.
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Fig. 16 Transient-state unbalance response of disk 2 for isotropic supports

Figures 17 and 18 show the time domain and frequency domain diagrams of disk 2 in
the x and y directions for anisotropic supports. As illustrated in Figs. 17 and 18, the frequency
components of the unbalance response in both directions contain the first-order backward and
forward natural frequencies. The first-order forward natural frequency dominates in the
unbalance response in the x-direction (the strong stiffness axis), while the first-order
backward natural frequency dominates in the unbalance response in the y-direction (the weak
stiffness axis).
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Fig. 17 Transient-state unbalance response of disk 2 in the x-direction for anisotropic supports
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Fig. 18 Transient-state unbalance response of disk 2 in the y-direction for anisotropic supports

As shown in Fig. 10(a), disk 2 whirls backward within the spin speed range
787.3-825.3 r/min (13.12-13.755 Hz). Figure 19(a) shows the whirl orbits of disk 2 within the
frequency range 12.96-13.95 Hz when the bearing damping is 100 Ns/m and the run-up
acceleration is 0.2 Hz/s. As one can see from Fig. 19(a), disk 2 whirls backward within the
frequency range 13.12-13.68 Hz, while it whirls forward at other spin frequencies.
Furthermore, the whirl orbits of disk 2 approximate straight lines at the spin speeds near the
critical point of the backward and forward whirls, while the whirl orbits are ellipses at other
spin frequencies.

Figures 19(b-d) show the whirl orbits of disk 2 when the bearing damping is 800 Ns/m,
1200 Ns/m and 1500 Ns/m, respectively. By comparing the whirl orbits in Fig. 19, it can be
seen that the amplitude of the unbalance response and the spin speed range of the backward
whirl significantly decrease due to the increased bearing damping. The backward whirl of
disk 2 completely disappears when the bearing damping is 1200 Ns/m. The whirl orbits of
disk 2 in the frequency range 13.32 Hz-13.59 Hz approximate straight lines, as shown in
Fig. 19(c). This is because disk 2 is at the critical point of the backward and forward whirls in
the frequency range when the damping in the bearings is 1200 Ns/m. It can be verified in Fig.
19(d) that the whirl orbits of disk 2 in the frequency range are ellipses when the bearing
damping is 1500 Ns/m.
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Fig. 19 Whirl orbits of disk 2 under the effect of bearing damping of different values

Figure 20 shows whirl orbits of disk 2 when the bearing damping is 100 Ns/m and the
run-up acceleration is 1 Hz/s and 3 Hz/s. The increasing run-up acceleration reduces the
amplitude of the forward and backward whirls of the rotor system, thus reducing the
magnitude of alternating stress. However, the increasing run-up acceleration cannot reduce
the spin speed range of the backward whirl.
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Fig. 20 Whirl orbits of disk 2 at different run-up acceleration values

5. Conclusions

The one-dimensional finite element method is applied to the dynamic modelling of the
rotor system with isotropic and anisotropic supports. First, the natural frequencies, whirl state
and unbalance response of two types of rotor systems are analysed. Then, the vibration
attenuation mechanism of the rotor system with anisotropic supports under the effect of
bearing damping and accelerating rotor is discussed in detail. Based on the investigation
results, some conclusions are summarized as follows:

(1) The rotor system with anisotropic supports has different natural frequencies for the
forward whirl and the backward whirl even at 0 r/min due to the different stiffness
characteristics of the bearing in the lateral directions. Therefore, the stiffness anisotropy
makes natural frequency lines of the rotor system tend to diverge from each other.
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(2) The bearing damping not only the amplitude of backward whirl, but also reduces the
spin speed range of backward whirl. Therefore, for the rotor system with anisotropic supports,
the high cycle fatigue of the shaft and the rotor instability caused by internal damping of shaft
material can be alleviated by increasing the bearing damping.

(3) The whirl orbit of the rotor system with anisotropic supports approximates a straight
line at the spin speeds near the critical point of the backward whirl and the forward whirl,
while the whirl orbits are ellipses at other spin speeds.

(4) For the unbalance response of the rotor system with anisotropic supports, the
forward natural frequency dominates in the direction of the strong stiffness axis, while the
backward natural frequency dominates in the direction of the weak stiffness axis.

(5) Increasing the run-up acceleration can decrease the amplitude of backward whirl and
forward whirl, thus reducing the magnitude of alternating stress. However, this cannot reduce
the spin speed range of backward whirl.
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Nomenclature

u,v Lateral displacement along the x and y axes, m

0., 0, Rotational angle around the x and y axes, rad

T Kinetic energy of the shaft segment, J

U Strain energy of the shaft segment, J

0 Generalized force, N
ol Reaction forces of the bearings in the x and y directions, N
K Stiffness coefficients of the bearing (m, n=x, y), N/m

Conn damping coefficients of the bearing (m, n=x, y), Ns/m

Q Rotor spin speed, r/min

N Number of nodes in the rotor system

t time, s

m Unbalance mass, kg

€ Distance between the unbalance mass and the bearing centerline, m
0 Phase of the unbalance mass, rad
Jj Imaginary unit

ay, o, Phase of steady-state unbalance response in the x and y directions, rad
é(t) Spin angle, rad

() Spin speed, rad/s

¢ (1) Run-up acceleration, rad/s
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